The performance of a suspension system is affected by the behavior and posture of its components. However, published studies usually conduct this research using the based-equivalent model without considering the characteristic curves or postures. In this paper, an improved ride comfort model that considers three nonlinearities in suspensions is first developed, and this model is validated through experimental results and demonstrates good accuracy. Then, the dynamic response is presented to investigate the effects of multilevel suspension parameters and nonlinear factors on ride comfort, and it is concluded that the front chassis suspension is the most significant system for ride comfort. Next, a multivariable co-optimization method based on the improved model is proposed to obtain more accurate optimized results that are more suitable for automotive applications. Subsequently, a multiobjective genetic algorithm (MGA) is applied to obtain the Pareto solution set. Furthermore, comparing the RMS value before and after optimization shows an obvious reduction, with averages of 19.7%, 17.8%, and 12.0% for the weighted root mean square (RMS) of the driver seat acceleration and the RMS of the working spaces of the front chassis suspension and the rear chassis suspension, respectively. Finally, the results are also verified by experiments, indicating that the improved ride comfort model and the multivariable co-optimization method are feasible and practical.
I. INTRODUCTION
Ride comfort plays an important role in evaluating vehicle performance [1] , [2] and has been an interesting topic for researchers [3] . Ride comfort affects the ride experience, and it can have an adverse effect on passengers' health [4] , [5] . Generally, suspension systems are of great importance in determining ride comfort and are mainly designed to isolate the frame and passengers from road excitation [6] , [7] .
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The associate editor coordinating the review of this manuscript and approving it for publication was Kuan Zhang . are important approaches to improving vehicle ride comfort. Although the road test is the most commonly used method in the auto industry, the simulation analysis method has also been developed for its advantages of a shorter calculation time and lower development costs [8] , as well as its ability to shorten the development time through various software with precise models [9] . Therefore, numerous efforts have been devoted to modeling, simulation analyses and optimization of suspension systems in order to control vibration and improve ride comfort.
On the one hand, the conventional analysis methods for ride comfort are still widely applied. Zhao et al. [10] developed a linear cabin system model to identify the suspension parameters and validated the model by a bench test for the optimal design of a cabin suspension to improve ride comfort. Gong et al. [11] proposed an optimization method based on a virtual and real prototype of an experimental integrated Kriging model for hydropneumatic suspension, showing a significant improvement in ride comfort. In another study, optimization was conducted with the design of the experiment (DOE) method on the model without considering the installation angle of suspension [3] . Guo and Zhang [12] established different types of vehicle models with different DOF to investigate the effects of different solutions on the analysis of ride comfort; orthogonal experiments and low-amplitude vibration were introduced in this study. Mitra et al. [13] proposed a simulation model to analyze ride comfort with accurate independent variables that worked on the response surface methodology (RSM). However, these studies calculate the forces between the suspension components and relevant structures through a linear function and simplified model without considering the nonlinear factors caused by nonlinear characteristics and postures.
On the other hand, developing intelligent algorithms has provided new perspectives for pursuing good ride comfort. Mehdizadeh [14] performed an optimization using particle swarm optimization, the bee algorithm, and evolution strategy methods. In this work, optimized parameters for cabin suspension show a significant reduction in transmitted vibration and an improvement in ride comfort. Chen et al. [15] determined the RMS of weighted acceleration, the wheel dynamic load, and the suspension dynamic deflection as subobjectives and applied NSGA-II for good ride comfort. Meanwhile, comprehensive optimization, including ride comfort, road holding, and other objectives that involve conflict performance in the automotive industry [16] , is a popular research topic. Mohajer et al. [8] established a versatile half-car two track model where the damping behavior of the suspension is assumed to be linear. The GA methodology is then applied to optimize the ride comfort, vibration isolation, suspension travel, force index, and road holding. Unfortunately, nonlinear characteristics and locations are still not considered in these studies. In addition, these optimizations are usually conducted with respect to the parameters of the cabin suspension or chassis suspension instead of the combined parameters.
In addition, various semiactive and active vehicle suspensions, as well as several control strategies, have been developed to achieve good performance. Čorić et al. [17] applied a collocation-type control variable optimization method in the active suspension of a vehicle model to improve ride comfort. Attia et al. [18] proposed a combined controller method that estimates the states and simultaneously improves the ride comfort and road holding of a full vehicle active suspension system. Du et al. [19] studied a terminal sliding mode control approach for an active suspension system, which is effective and has strong robustness in improving ride comfort. Even if a more or less nonlinear effect is considered in these models, there is still a distance from an accurate and reliable model for that not value the effect of component's posture. Additionally, although various types of semiactive and active suspension technologies have been developed to increase vehicle ride comfort, passive suspension is still widely used in commercial vehicles and in other relatively inexpensive cars because of its simple structure, reliable performance, and low cost. And commercial vehicles are mostly used for international transportation, with longer highways and long driving hours contributing to corresponding increases in driver fatigue, which is related to accidents.
To summarize, the dynamic model is the foundation of all the above studies, and establishing an accurate model is the top priority for researchers and engineers. However, few existing researches have studied a model that considers the nonlinearity of suspension components when the model consists of passive suspension. In fact, (a) the compression damping force is less than the extension damping force; (b) the derivative of the damping coefficient exhibits a nonlinearity with velocity; and (c) some components have an installation angle or distance compared with the calculated location and are not paralleled with the vehicle coordinate system. The above nonlinearity can cause inaccurate forces that affect the evaluation of the suspension performance, reducing the reliability of the optimization or control results and limiting the wide application of these methods. Furthermore, commercial vehicles have many mechanical systems, and both cab suspension and chassis suspension affect ride comfort. The optimization of ride comfort should be based on multiple components and multiple parameters instead of some parameters of one system. Additionally, the design of high-performance controllers in suspension technology also requires precise modeling and analysis.
Therefore, the contributions of this study are as follows: (a) an improved ride comfort model for a commercial vehicle is proposed based on these nonlinearities, including the nonlinear characteristics of the damper force, the posture of the suspension components, and the damper location of the balanced suspension; and (b) a co-optimization method for ride comfort is designed based on multivariable.
To accomplish these goals, three nonlinear factors of commercial vehicle suspension, namely, the nonlinear characteristics of the damper force, the posture of the suspension components, and the damper location of the balanced suspension, are first discussed and modeled through equations. Then, these equations are applied to the conventional vibration model to develop the improved ride comfort model, which is validated using the experimental results. Then, a bivariate analysis based on the improved model is also conducted to investigate the effect of the suspension parameters and the introduced nonlinear parameters on the driver sear acceleration. Consequently, a multivariable co-optimization method based on the improved model is further developed to pursue a more reliable optimization, and a set of solutions is also obtained by applying the MGA algorithm. Finally, to verify the feasibility of the optimization method, the responses before and after optimization of the simulation and experiment are compared.
The remainder of the paper is organized as follows. Section 2 establishes three nonlinearity models for the force of the suspension components. Section 3 develops an improved ride comfort model, which is validated by experiments. Section 4 discusses the significant effects of the parameters and components on ride comfort. Section 5 proposes a multivariable co-optimization method to optimize the conflictive performances. Section 6 obtains and compares the optimization results. Section 7 verifies the optimization results using vehicle experiments. Finally, conclusions are drawn in section 8.
II. NONLINEAR FORCES OF SUSPENSION COMPONENTS A. NONLINEAR DAMPING MODEL
The damper acts as the vibration isolator to suppress the disturbance from the road excitation by dissipating the energy into heat [20] . Typically, most published papers calculate the damping force through the following equation:
where F and c are the damping force and damping coefficient, respectively; ξ is the damping ratio; k is the stiffness; m is the sprung mass; and v is the extension velocity. Figure 1 (a) and Figure 1 (b) show damping force curves that are obtained by measuring real-world dampers and are provided by a commercial vehicle manufacturer. It is easy to see that the present damping forces are not linear functions of the velocity but nonlinear functions that vary with the extension velocity, indicating that the discussion in the introduction is meaningful, and this factor should be considered for a more precise model. The damping force curves presented in Figure 1 can be expressed as:
where λ is the scale factor; η is the asymmetry coefficient, which indicates the difference between the compression and extension coefficient; and n is the damping characteristic index.
B. BALANCED SUSPENSION MODEL Figure 2 shows a balanced suspension system widely used in commercial vehicles that is designed to meet the situation of a heavy load and poor road. Generally, there is a different extension velocity between damper 2 and damper 3 owing to the wheels suffering from unequal road excitation. The different velocity results in different forces to the chassis that further affect the vibration response at the passenger seat. Thus, the existing models of balanced suspension for the accurate calculation of ride comfort are open to question. The models of the balanced suspension from the existing literature are shown in Figure 3 . Clearly, there is a distinction between these models and the actual suspension. In Figure 3 (a) [21] , an equivalent damper replaces the two dampers with different velocities, leading the damping force that acts on the chassis also differing from the real situation and further causing different vibration accelerations at the passenger seat. In Figure 3 (b) [22] , [23] , the model fails to reflect the rotational inertia of the balanced suspension that also changes the damping velocity. In Figure 3 (c) [24] , the rotational inertia of the balanced suspension should act on and change the lower part of the dampers instead of the upper part. In summary, all of the above models partly fail to calculate the damping force and express the interaction among the actual part that affects ride comfort.
Thus, this paper develops a more comprehensive balanced suspension for the accurate model, as shown in the red circle in Figure 4 . Here, assuming a situation in which damper 2 experiences compression travel, and damper 3 experiences extension travel, the damping force is then calculated through the following equations:
where F c2 and F c3 are the force between the chassis and the dampers, respectively; x b and x e are the vertical displacement of the chassis and the balanced suspension, respectively; and θ b and θ e are the pitch displacement of the chassis and the balanced suspension, respectively. Additionally, other symbols have been defined in Table 6 in the Appendix.
In Figure 4 , q 1 , q 2 , q 3 , q 4 , q 5 , and q 6 are the vertical displacements the front wheel, rear wheel 2, rear wheel 3, trailer wheel 4, trailer wheel 5, and trailer wheel 6, respectively; x 1 , x 3 , x 4 , x 5 , x b , x c , x p , and x t are the vertical displacement of the front axle unsprung mass, trailer axle 4 unsprung mass, trailer axle 5 unsprung mass, trailer axle 6 unsprung mass, the sprung mass, the mass of cabin, the seat, and trailer sprung mass, respectively; and θ c , and θ t are the pitch displacement of the cab and trailer sprung mass, respectively. Moreover, the symbols with a constant value are presented in Table 6 in the Appendix. Figure 5 (a) shows the rear cabin suspensions that are installed on the commercial vehicle. There is no doubt that the install angle of these parts has an effect on the driver seat acceleration. However, few studies have focused on this factor. The following text discusses whether the factor should be considered and develops a model for the rear cabin suspension.
C. CABIN SUSPENSION MODEL
In most of the previous researches [22] , [25] - [28] , the component force without considering the installation angle is written as follows:
where F rko and F rco represent the spring force and damping force, respectively. Figure 5 (b) presents the schematic diagram of the actual structure. The forces of the spring and dampers considering the installation angle are expressed as follows:
where F rki and F rci represent the spring force and damping force with the improved calculation method, respectively.
Obviously, the spring forces are equal whether or not the installation angle is considered. Thus, there is no need to introduce the variable to the calculation of coil spring force. However, the damping force is different among the two calculation approaches. Therefore, the latter calculation approach is applied in this study to investigate the effect of the installation angle on ride comfort.
III. IMPROVED RIDE COMFORT MODEL CONSIDERING NONLINEAR FORCES OF SUSPENSION COMPONENTS A. VIBRATION MODEL
Generally, the vertical vibration and pitch vibration make a critical contribution to ride comfort when the vehicle is symmetrical to its longitudinal axis. Therefore, a model consists of six subsystems: the seat, the cab, the frame, the trailer, the suspension systems, and the tire, as shown in Figure 4 . The differential equations of the vibration system are derived using an energy method based on the Lagrange equation, such that:
d dt
where T is total kinetic energy of the vibration system; U is the potential energy, D is the dissipation energy; and Q i is the generalized force corresponding to generalized coordinates q i . The kinetic energy, potential energy, and dissipation energy are written as follows: Furthermore, the differential equations of the vibration system are obtained by differentiating the generalized coordinate q i in equations (7) ∼ (9), as shown at the bottom of this page, and substituting them to equation (6) . To overcome the nonnegligible calculation errors in the model, the differential equations for an improved model are derived by replacing the equivalent forces with the forces that are developed in section 2, as expressed in equation (10), as shown at the bottom of the next page.
B. ROAD EXCITATION MODEL
The previous study suggested the excitation transferred from a rough road is one of the leading factors affecting both ride comfort and health [16] , [29] . The filtering white noise method is widely used to simulate the road time domain excitation with the advantages of a clear physical meaning and a convenient application [19] , [30] , [31] . The time domain description of the road excitation can be written as:
where u is the vehicle traveling speed (m/s); n q is the cut-off space frequency and is equal to 0.011 m −1 ; q(t) is the vertical displacement excitation of the road surface; n 0 is the spatial reference frequency and equals 0.1 m −1 ; G q (n 0 ) is the road excitation coefficient, G q (n 0 ) = 256 × 10 −6 m 3 ; and ω(t) is the Gauss white noise with zero mean. The displacement PSD when the vehicle travels on a C-level road with a speed of 60 km/h is shown in Figure 6 . This value is also compared with a standard road PSD according to ISO 8608, showing the model of road excitation is feasible.
C. RIDE COMFORT MODEL VERIFICATION
The ride comfort model is developed through equations (10) and (11) and illustrated in Figure 15 in the Appendix. Then the experiments concerning the dynamic response are performed to verify the correctness of the improved model. Driving on the threshold road with a speed of 50 km/h and traveling on a stochastic road from 30 km/h to 100 km/h are conducted to obtain the time domain response and the frequency-weighted RMS, respectively. The experimental scenarios are presented in Figure 7 .
In terms of ride comfort, the results generated by the threshold road are generally used to evaluate the correctness of the time domain responses [32] - [34] because the threshold excitation is simple, leading to a clear response. The results caused by the stochastic road are used to investigate the correctness of the weighted RMS because there 
2736 VOLUME 8, 2020 is a random property of the stochastic road that leads to a difficulty in constructing the real road. The response of the simulations and experiment is shown in Figure 8 . Clearly, the comparisons among the experiment, the traditional model, and the improved model show that the improved model exhibits a higher accuracy than the traditional model. In addition, the distinction in Figure 8(d) induced by the experiment road is not fully compliant with the C-level road. Table 1 presents 7 value levels of these factors around the original value and is designed to perform a bivariate analysis
IV. BIVARIATE ANALYSIS BASED ON THE IMPROVED RIDE COMFORT MODEL
+c 6 (ẋ t −ẋ 6 + (l 11 + l 13 )θ t ))(l 11 + l 13 ) − (k 4 (x t − x 4 + (l 11 − l 12 )θ t ) + c 4 (ẋ t −ẋ 4 + (l 11 − l 12 )θ t ))(l 11 − l 12 ) −(k 5 (x t − x 5 + l 11 θ t ) + c 5 (ẋ t −ẋ 4 + l 11θt ))l 11 m 4ẍ4 = k 4 (x t − x 4 + (l 11 − l 12 )θ t ) + c 4 (ẋ t −ẋ 4 + (l 11 − l 12 )θ t ) − k 10 (x 4 − q 4 ) m 5ẍ5 = k 5 (x t − x 5 + l 12 θ t ) + c 5 (ẋ t −ẋ 5 + l 12θt ) − k 11 (x 5 − q 5 ) m 6ẍ6 = k 6 (x t − x 6 + (l 11 + l 13 )θ t ) + c 6 (ẋ t −ẋ 4 + (l 11 + l 13 )θ t ) − k 12 (x 6 − q 6 ) (10) VOLUME 8, 2020 based on the speed from 30 km/h to 100 km/h in order to investigate ride comfort of the improved model. Then, the PSD calculations of the acceleration response of the driver seat are carried out and weighted by standard ISO 2631 to obtain the weighted RMS values, which are illustrated in Figure 9 . First, there is no doubt that speed is the primary factor and exerts a negative effect on ride comfort, as increasing speeds lead to a deterioration of ride comfort. The situation can be explained by the combination of the force and reaction of Newton's Third Law of Motion and Kinetic Energy Theorem. When the mass of the vehicle is constant, the kinetic energy of the vehicle increases as the vehicle speed increases. Then, the force of the wheel acting on the road surface also increases. Consequently, the reaction force of the road surface on the vehicle also increases and continues to cause an increase in acceleration, and the acceleration of the conduction seat increases. In addition, there is not an uncomplicated increment for ride comfort based on the speeds. In addition, the increment is different when various factors are combined with the speed.
Second, it is worth noting that the response at each speed is creased when increasing the front damping force of the cabin in Figure 9(b) . In addition, the trend is different at each speed in Figure 9(d) , although this result is not obvious. For example: (1) the results are essentially unchanged at speeds of 30 km/h; (2) the weighted RMS first decreases and then increases at a speed of 40 km/h; (3) then the response first increases and then decreases at speeds of 70, 80 and 90 km/h. All of these results indicate that a larger damping will result in a lower acceleration when the stiffness is suitable.
Third, there is a sharp change with a different factor level at the various speeds in Figure 9 (f) and Figure 9 (g) compared with the other figures. Additionally, the sharpness also increases with an increase in speed. Therefore, the front chassis suspension is the front chassis suspension is the system that affects ride comfort in the target commercial vehicle. It is suggested that the component should be given more attention when engineers carry out the suspension design and optimization. Further, it is also observed that the acceleration response does not change significantly with the different levels at each speed in Figure 9 (c), Figure 9 (d), and Figure 9 (e), meaning that the rear cabin suspension is a system with a lower effect on ride comfort.
Finally, the sequence that is used to describe the contribution of these factors to ride comfort is provided. The stiffness of the front chassis suspension should be the first, followed by the damping of the front chassis suspension, the stiffness of the front cabin suspension, the damping of the front cabin suspension, the stiffness of the rear chassis suspension, the damping 2 of the balanced suspension, the damping 3 of the balanced suspension, the damping of the rear cabin suspension, the stiffness of the rear cabin suspension, and the installation angle of the rear cabin suspension. Figure 4 and equation (10) describe a complex nonlinear relationship among the quality parameters, mechanical parameters, and geometric parameters of the ride comfort model. It is not conducive to the optimization if we use all parameters as the design variables. In addition, the stiffness and damping have the greatest influence on the suspension characteristics and are coupled with one another to affect ride comfort [10] , [13] . Therefore, the stiffness and damping coefficients of the suspensions, as well as the installation angle, are considered as design variables, such that (12) , as shown at the bottom of this page.
V. MULTIVARIABLE CO-OPTIMIZATION A. DESIGN VARIABLES
Typically, the optimization range of the design variables should not be too large or too small. A larger variation may lead to drastically reducing other performances, and the matching and installation of the entire vehicle will be affected. In contrast, the effect of the optimization is not obvious. Therefore, the original value of design variables is increased and reduced by 10% for the optimization range. The details are shown in Table 2 .
B. OBJECTIVES
The suspension system must achieve several conflicting objectives, such as ride comfort, road holding, and suspension X = x 1 , x 2 , x 3 , x 4 , x 5 , x 6 , x 7 , x 8 , x 9 , x 10 , x 11 , x 12 , x 13 , x 14 , x 15 , x 16 , x 17 = k f , k r , k 1 , k 2 , θ, λ f1 , η f2 , n f1 , λ r1 , η r2 , n r3 , λ 1 , η 1 , n 1 , λ 2 , η 2 , n 2 (12) working space. When the suspension working space is too large, the suspension components will hit the limit block, directly causing deterioration of ride comfort and mechanical damage. Thus, in this study, ride comfort and the suspension working space are chosen as the objective functions, and the road holding is designed as one of the constraints.
Considering the fact that the vibration perception of the human body is related to frequency, the vertical acceleration of the driver seat has been weighted according to the ISO 2631 standard [35] - [37] , which can evaluate human exposure to whole-body vibration and is taken as the objective. More specifically, the weighted RMS value is defined as:
where W (f ) and G a (f ) can be expressed by equations (14) and (15), respectively.
where a(t) is the time domain history of the driver seat. The suspension working space is defined as the different displacements between the wheel and the body. According to the assumption of the Gaussian distribution of stochastic roads, for linear systems, the response should have a Gaussian property and can thus be described by a normal distribution. Therefore, the suspension working space can be expressed by the probability of relative displacement of the wheel and the body [38] . The suspension working space of the front axle and rear axle are written as:
where x b (t), x 1 (t), and x e (t) are the time histories of the vertical displacement of the chassis, the front axle, and the rear axle, respectively. Further, the RMS value can be written as:
Generally, optimizing based on the working condition with one speed does not guarantee better ride comfort at all speeds. Conversely, carrying the ride comfort optimization under all speeds consumes more time and other costs will dramatically increase, which is not conducive to optimization. Therefore, to optimize ride comfort at the common speed to the greatest extent possible, the weighted RMS value of the vertical acceleration of driver seat and the RMS value of the suspension working space travelling at 30 km/h, 60 km/h, and 90 km/h are selected as the optimization indexes. The results of normalizing these indexes are used as the optimization subobjectives. The detailed expressions are as follows:
where f 1 (X), f 2 (X), and f 1 (X) are the normalized value of the frequency weighted RMS value of the seat acceleration, the RMS value of the front suspension working space and the RMS value of the rear suspension working space, respectively; aw is the original weighted RMS travel at 60 km/h; 
C. CONSTRAINTS
The static deflection of suspension defines the ratio of the sprung mass to the stiffness at a full load. Generally, the static deflection of the suspension should work in the range of 50∼100 mm. To prevent a large longitudinal angular vibration of the vehicle body, the static deflection of the rear suspension should be smaller than the static deflection of the front suspension. Usually, the smaller the longitudinal angular vibration is, the better the ride comfort and steering stability of the vehicle are. Thus, the constraint can be written as:
where m f and m r are the sprung mass of the front and rear axle, respectively; and K f and K r are the one-side stiffness of the front and rear suspensions.
Considering the influence of the natural frequency of suspension on ride comfort, this design requires that the natural frequency of suspension of the commercial vehicle is in the range of 1.5 -2.2 Hz under a full load. Additionally, the natural frequency of the front suspension system should be slightly lower than the natural frequency of the rear suspension system, such that:
The dynamic tire load is the change in the tire load relative to the static equilibrium position, which affects the road handling capacity. When the tire load fluctuates with the suspension motion, the effective lateral or longitudinal force available is reduced because of the tire's dynamic mechanism. Therefore, if a stable normal load of the tire can be maintained, a large tire force can be obtained; if the dynamic load fluctuation of the tire increases, the tire grip ability weakens as the tire jumps, resulting in a poor road handling capacity. The dynamic tire load can be expressed as:
DTL r2 (t) = k 9 (x e (t) + l 4 θ e (t) − q 3 (t)) (m 3 + 0.5m r )g
Generally, the probability is not more than 0.15% when the RMS value for the dynamic tire load is less than 1/3. Thus, VOLUME 8, 2020 the probability must satisfy the following equation.
D. MULTIVARIABLE CO-OPTIMIZATION METHOD
An optimization method is proposed to meet the condition that has multiple variables and multiple objectives, and the MGA is applied to drive the optimization. The procedure is shown in Figure 10 . The related parameters are listed in Table 3 .
VI. OPTIMIZATION RESULTS
The optimized design variables are presented in Table 4 . The Pareto solution set for the three subobjectives is shown in Figure 11 (a). Obviously, there are conflicts between the vertical acceleration of the driver seat and the suspension working space, meaning that the multiobjective optimization design of this paper is reasonable. Owing to the main aim of this paper is to find a more accurate solution for ride comfort, the point with the smallest weighted RMS value of the driver seat and a moderate RMS value of the front suspension but a higher RMS value for the rear suspension working space is selected. The target point is noted in Figure 11 (c) and Figure 11(d) . In addition, the conflicts in Figure 11 (b) indicate that there is also an interaction between the front suspension working space and the rear suspension working space. Furthermore, to verify the feasibility and effectiveness of the ride comfort optimization method based on the improved model developed in this paper, the comparative analysis of the ride comfort based on the original and optimized design variables is performed. Substituting the design variables into the ride comfort model, the optimized responses time history of the acceleration of the driver seat and the suspension working space at 40 km/h and 80 km/h are then obtained and compared with the original response, as presented in Figure 12 . The improvement in the driver seat acceleration and the front suspension working space are better than that in the rear suspension working space, which is consistent with the target point with a higher RMS value for the rear suspension. Furthermore, the indexes for the objective evaluation are calculated from 30 to 100 km/h, as shown in Table 5 according to equations (13) and (17), respectively.
In Table 5 , the response is significantly improved after optimization. It can be concluded that the proposed optimizer with intelligent algorithms and nonlinear damping successfully optimized the design variables with average fall ratios of 19.7%, 17.8%, and 12.0% for f 1 , f 2 , and f 3 , respectively.
VII. RIDE COMFORT EXPERIMENT
The ride comfort experiment using a commercial vehicle traveling on a cement road was conducted to further verify the feasibility and efficiency of the multivariable co-optimization method based on the improved model and the MGA. The test vehicle with a full load trailer is shown in Figure 13(a) . A sensor is used to measure the vibration acceleration of the driver seat, and the installation location is shown in Figure 13 (b). The signal acquisition instrument is illustrated in Figure 10 (c). The test road and the surface conditions are shown in Figure 10(d) .
The test result is shown in Figure 14 , and the weighted RMS of the optimized seat vibration acceleration is significantly lower than the original situation. Furthermore, there is a similar tendency compared with Table 5 , demonstrating that the optimization method is effective and feasible. Additionally, the different weighted RMS values are usually caused by a road that is not completely classified as a C-level road.
VIII. CONCLUSION
To summarize, in this paper, the current shortcomings for ride comfort modeling are first reviewed. Then, three nonlinear factors are introduced into an improved model, which is further verified by ride comfort experiments under a threshold road and a C-level road. Next, a bivariate analysis for the improved model is carried out to examine the sensitivity of the suspension parameters to ride comfort. Then, to improve the optimization accuracy, the improved model is optimized with respect to the driver seat acceleration and the suspension working space though a multivariable co-optimization method using the multiobjective genetic algorithm. The optimization effect is examined by comparing the optimized results and the original response. Finally, the feasibility and efficiency of the optimization are analyzed using a ride comfort experiment. Based on the above investigations, the main conclusions are as follows: i The developed improved ride comfort model has a higher accuracy that enables researchers to investigate more effective performances. It is necessary to consider these nonlinear factors in order to improve the analyses efficiency and optimization accuracy. The front chassis suspension is the key component for ride comfort and should be given more attention when carrying out an analysis or an optimization. In addition, the vertical acceleration response is insensitive to changes in the rear cabin suspension parameters in this research. The weighted RMS of the driver seat acceleration and the RMS of the working spaces of the front and rear suspensions are reduced by averages of 19.7%, 17.8%, 12.0%, respectively, indicating that the multivariable co-optimization method for ride comfort has a higher optimization efficiency. The method is also validated by a ride comfort experiment, which further demonstrates that the improved model is more practical, and the method is feasible, for use in the automobile industry. 
APPENDIX
The description of the symbols with a fixed value are described in Table 6 . The Simulink model, which was established on the improved ride comfort model, is illustrated in Figure 15 .
